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Abstract   The turbine shared support structure is used widely in aeroengines, but 

theoretical and experimental research on a rotor-bearing system containing a shared 

turbine support structure is lacking. This paper reports research into the coupling 

vibration response of a squeeze-film-damper rotor-bearing system that has two spools 

with different rotation speeds and is supported by a turbine shared support structure. 

The problem is addressed by means of rotor-bearing system tests and the 

finite-element method. Based on the features of a turboshaft engine with a turbine 

shared support structure, a rotor-bearing test system with a shared support structure is 

designed, and a dynamic model of the test system is built based on Timoshenko beam 

elements. The experimental and simulation results indicate that the unbalanced 

response of the rotor-bearing system with a shared support structure may involve 

either the sum or difference of the fundamental frequencies of the rotors of the gas 

generator and power turbine. The simulations show that the imbalance of the power 

turbine rotor, the radial and bending stiffnesses of the shared support structure, and 

the radial clearances of squeeze film dampers at the rear of the rotor-bearing system 

all affect the coupling response. The amplitude of the coupling response can be 

suppressed effectively by (i) selecting reasonable parameter values for the turbine 

shared support structure and (ii) exerting strict control over the spool imbalance. 



Keywords   Turbine shared support structure ∙ Coupling vibration ∙ Squeeze film 
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1  Introduction 

The core components of an aeroengine are its rotor-bearing systems, and the vibration 

characteristics of the latter determine directly whether the engine can work in harsh 

environments with high temperatures, pressures, speeds, and high loads, meanwhile, 

the vibration condition which has a critical influence on the overall performance of 

the engine. With improvements in aeroengine performance and increased reliability 

requirements, modern aeroengine rotor-bearing systems are mostly dual-rotor ones. 

The support scheme at the turbine involves rotor-bearing systems with either 

intermediate bearings or a turbine shared support structure (SSS), and the different 

supporting structures result in different coupling vibrations between the rotor-bearing 

systems. 

Of the two support schemes, the turbine SSS is effective in large turbofan engines 

at coordinating the larger transition ducts between the high-pressure and low-pressure 

turbines, such as in the GE90 and CF6-50 aeroengines, and it has a better impact on 

the clearances of high-pressure-ratio components in the hot section of mid-size 

turbofan engines compared to when intermediate bearing support is used [1,2]. The 

SSS is also effective at controlling the power turbine (PT) tip clearance in turboshaft 

engines and improving the turbine efficiency and maintenance performance. The PT 

can be replaced without exposing the rear bearing cavity, such as in the MTR390 

aeroengine. 

In summary, the turbine SSS is used widely in large, medium, and small engines. 

However, it contains nonlinear components in the form of squeeze film dampers 

(SFDs), and it carries two spools that rotate simultaneously with different speeds. 

Therefore, the nonlinear characteristics of the oil films in the SFDs and the mutual 

vibration between the two spools have adverse effects on the dynamic responses of 

the rotor-bearing systems in aeroengines. 

In the past few decades, much work has been done on coupling vibration analysis 

of rotor-bearing and whole-engine systems in aeroengines, resulting in many 

achievements. However, that literature concerns mainly the coupling vibrations of 

rotor-bearing and whole-engine systems containing intermediate bearings, with the 

main modeling approaches involving Newton’s second law, the Lagrange equations, 



and the finite-element (FE) method. Lu et al. [3,4], Thiery and Aidanpäaä [5], and 

Yang et al. [6] used Newton’s second law to establish an analysis model of a 

rotor-bearing system containing nonlinear components. Gao et al. [7,8] and Hou et al. 

[9] used the Lagrange equations to establish a dynamic analysis model of a 

dual-rotor-bearing system with nonlinear elements and studied its response. Lu et al. 

[10], Wang et al. [11], Chen [12], Yu et al. [13], and Yang et al. [14] established a 

dynamic analysis model of dual-rotor-bearing and whole-engine systems using the FE 

method. 

As suggested by the aforementioned studies, Newton’s second law and the 

Lagrange equations tend to be used to establish dynamic analysis models of 

rotor-bearing systems with simple structures and relatively few degrees of freedom, 

whereas the FE method tends to be used to establish dynamic analysis models of 

complex rotor-bearing and whole-engine systems. Therefore, for the present study, we 

chose the FE method based on Timoshenko beam elements as the modeling method to 

establish the dynamic analysis model of the test system with a turbine SSS. 

Using beam elements to simulate the rotating shaft when establishing an analysis 

model of a rotor-bearing system of an aeroengine dates back to the 1970s [15–17]; the 

shaft was simulated as a Timoshenko beam, the dynamic analysis model of the 

dual-rotor-bearing system containing intermediate bearings was built by component 

mode synthesis, and the influence of modal truncation on the calculation results was 

studied. Subsequently, Nelson et al. [18] established a dynamic analysis model of a 

rotor-bearing system containing SFDs and intermediate bearings and calculated the 

unbalanced response, the transient response of the blade loss, and the transient 

response after rotor and stator friction; the calculation results were validated through 

cross-comparison with other independent documents. Chiang et al. [19,20] established 

a dynamic analysis model of a rotor-bearing system with intermediate bearings; they 

calculated the critical speeds and vibration modes of the system and verified them 

with a single-rotor test system, but the established analysis model did not consider 

nonlinear factors. Wang et al. [21] established a rotor-bearing model that considered 

intermediate bearings and nonlinear SFD characteristics, and they carried out a 

rotor-bearing test to verify their proposed modeling and analysis methods; their 

research results indicated that it is feasible to build a complex dual-rotor-bearing 

system with SFDs and bearings using Timoshenko beam elements. The FE modeling 

method using Timoshenko beam elements has now developed into an effective 



method for establishing dynamic analysis models of complex rotor-bearing and 

whole-engine systems in aeroengines with nonlinear characteristics. 

Meanwhile, SFDs are used extensively for vibration suppression in aeroengines 

[22–25]. However, the severe nonlinear characteristics of the oil-film force in an SFD 

may result in a dramatic change in the rotor response; more seriously, they may cause 

instability and damage to the rotor system [26–28]. Many scholars remain concerned 

about SFD–rotor coupling vibrations. Inayat-Hussain et al. [29] used numerical 

simulation to investigate the unbalanced response of a single-rotor system containing 

SFDs without centering springs; with changing shaft imbalance, the response of the 

rotor system experienced a series of period-doubling bifurcations that caused the 

system to enter a state of chaotic motion after a period of time, which introduced 

cyclic stresses and may have rapidly reduced the fatigue limit of the shaft. Qin et al. 

[30] suggested that the support stiffness has considerable influence on the SFDs; 

excessive support stiffness causes oil whirl and leads to SFD failure. Chen et al. [31] 

studied the coupling relationship between rigid-body translation and precession of 

SFD-unsymmetrical rotor-bearing systems; the results showed that the bifurcation 

phenomena of asymmetric and symmetric systems are similar, but for asymmetric 

systems, the stiffness ratio of the left and right supports may destroy the stability of 

the rotor and cause jumps. Luo et al. [32] studied the nonlinear vibration of a single 

rotor-bearing system containing SFDs, analyzed the bifurcation phenomenon at 

different points on the rotor, and compared the dynamic response at different 

positions; their results showed that the nonlinear force at the support caused both the 

vibration response and the bifurcations of the spool at different parts to differ. 

The aforementioned studies have shown that the presence of SFDs greatly 

influences the dynamic responses of engine rotor-bearing systems. Choosing 

inappropriate SFD parameter values may (i) prevent the vibration response of the 

shaft from being reduced and (ii) degrade the response of the rotor-bearing system. 

Summarizing the research to date, theoretical and experimental research on 

rotor-bearing systems with a turbine SSS remains lacking, and SFDs should be 

considered when establishing dynamic analysis models of complex rotor-bearing 

systems. Therefore, it is essential to subject turbine-SSS rotor-bearing systems with 

SFDs to both modeling and coupling-vibration-response research. 

The present paper reports on an FE model of a rotor-bearing system with a 

turbine SSS and containing SFDs. The nonlinear forces exerted by the SFDs are 



considered, and the dynamic response of the rotor-bearing system is obtained based 

on the dynamic model and verified based on test results. The nonlinear dynamic 

response of the rotor-bearing system with a turbine SSS and SFDs is established 

based on the verified analysis model. 

2  Rotor-bearing system model with shared support structure 

2.1  Structure of turboshaft engine 

A practical turboshaft engine with a turbine SSS is shown in Fig. 1. The gas generator 

(GG) rotor uses the 1-0-1 support scheme with two bearings, namely bearings 3 and 4, 

each of which contains an SFD. The PT shaft has four bearings: bearings 1 and 2 are 

front bearings, bearings 5 and 6 are rear bearings, and bearings 2 and 6 contain SFDs. 

The turbine SSS supports the rear three bearings of the two rotors simultaneously. 

1 2 3 4 5 6

Gas generatorPower turbine rotor
Turbine shared 

support structure

 

Fig. 1  Structural diagram of turboshaft engine structure 

2.2  Structure of test rig 

Based on the features of the turboshaft engine with a turbine SSS, we designed the 

test system containing a turbine SSS as shown in Fig. 2; Fig. 2a shows it 

schematically, and Fig. 2b shows it photographically. The test system contains two 

concentric rotating shafts that are connected by a turbine SSS. Each rotating shaft is 

driven by its own motor so that the two spools can have different working speeds. 

Bearings 1 and 3 are deep-groove ball bearings that are the axial positioning fulcrums 

of the PT and GG shafts, respectively, and the other four bearings are all roller 

bearings; we use the squirrel-cage–rolling-bearing support scheme for supports 1 and 

5 and the squirrel-cage–rolling-bearing–SFD support scheme for the rest. In total, we 



use eight displacement sensors and two acceleration sensors to monitor the 

acceleration response of the test system at five axial positions. At a given axial point, 

one sensor is oriented in the horizontal direction of the rotor-bearing test system and 

the other is oriented in the vertical direction. 

 

(a) 

 

(b) 

Fig. 2  Rotor-bearing test system: (a) schematic; (b) photograph 

3  Dynamic model of rotor-bearing system 

3.1  Finite-element formulation 

Herein, the GG and PT shafts and the SSS are simulated by Timoshenko beam 



elements. Only the radial shaft vibrations are considered; the axial and torsional ones 

are ignored. The degrees of freedom of a shaft section are expressed as  
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The mass matrix em , stiffness matrix ek , and gyroscope matrix eg  of the shaft 

segment are given in Eqs. (2)–(5), the derivations of which are given elsewhere [21]: 
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where ρe, Ae, and le are the material density, cross-sectional area, and axial length of 

the shaft section, respectively, and we write m1–m10 as  
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where Ee is the modulus of elasticity and b1–b4 are formulated as 
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All disk is simulated as a concentrated mass unit that accounts for the gyroscopic 

effect. The mass matrix d

em  and gyroscope matrix d

eg  of the disk are expressed as 

 

0 0 0

0 0 0

0 0 0

0 0 0

d

d

d

d

m

m

I

I

 
 
 =
 
 
 

d

em , (6) 

 

0 0 0 0

0 0 0 0

0 0 0

0 0 0

p

p

I

I

 
 
 =
 −
 −  

d

eg , (7) 

where md, Id, and Ip are the mass, diametral moment, and polar moment of inertia of 

the disk, respectively. 

3.2  Equations of motion for rotor-bearing system 

The nonlinear dynamic equations of a rotor-bearing system can be expressed as  

 ( ) e fMu+ C +ΩG u+ Ku = F + F , (8) 

where M, C, G, and K are the mass, damping, gyroscope, and stiffness matrices of the 

rotor-bearing system, respectively, which can be obtained according to the method in 

Sect. 3.1. Here, u is the displacement vector of the rotor-bearing system, Fe is the 

unbalanced force, and Ff is the nonlinear force introduced by an SFD. The unbalanced 

force Fe is expressed as  
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where m is the unbalanced mass, e is its eccentricity, 0  is its initial phase, and ω is 

the angular velocity of the spool. 



Based on the assumptions and boundary conditions in reference [33], we write the 

nonlinear force introduced by an SFD as  
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where x and y are the horizontal and vertical displacements, respectively, of the shaft 

diameter, L is the axial width of the SFD, R is the average radius of the SFD, c is the 

SFD radius clearance, μ is the dynamic viscosity of the oil, and I1, I2, and I3 are 

Sommerfeld integrals. 

Herein, we treat the squirrel cage as an isotropic linear spring whose stiffness is 

set directly, and we ignore the stiffness and damping of the rolling bearings. Having 

established the dynamic analysis model of the rotor-bearing system, we use the 

implicit Newmark-β method to solve for its response. 

3.3  Finite-element model 

The analysis model of the test system is shown schematically in Fig. 3, and the 

structural parameter values for the shaft, disk, squirrel cage, and SFD are given in 

Tables 1–4, respectively. In Table 3, supports 1–6 are shaft supports with only their 

radial stiffness (kxx, kyy) considered. Support 7 is the support of the turbine SSS, with 

both radial stiffness (kxx, kyy) and bending stiffness (kxz, kyz) considered. In the model 

established herein, we suppose that kxx = kyy and kxz = kyz. 



 

Fig. 3  Finite-element model 

Table 1  Parameters of shafts 

 
Shaft 

number 

Start point 

[mm] 

End point  

[mm] 

Outer diameter 

[mm] 

Inner diameter 

[mm] 

Gas-generator rotor 

1 299 451.5 26 37 

2 451.5 740 62 74 

3 740 936 40 46 

4 936 1010 26 37 

Power-turbine rotor 

5 0 136 0 18.4 

6 136 287.17 0 20 

7 287.17 1013.63 0 16 

8 1013.63 1133.93 0 25 

9 1133.93 1223.63 0 23 

Shared support 

structure 
10 947.5 1134.5 120.5 125.5 

Table 2  Parameters of disks 

 
Disk 

number 

Location 

[mm] 

Mass 

[kg] 
IP [kg·m2] 

Unbalance 

[g·cm] 

Initial 

phase 

Gas-generator 

rotor 

1 467 4.66 0.03589 2 0 

2 543 5.26 0.04488 2 135 

3 615 2.01 0.00825 1 90 

4 718.5 0.53 0.00111 0 0 

5 849 2.49 0.009724 2 45 



6 916.5 1.48 0.003764 2 0 

Power-turbine 

rotor 
7 1164 5.16 0.07261 5 0 

Table 3  Stiffness of squirrel cages 

Bearing number kxx [N/m] kxz [N/m] 

1 3.77e6 0 

2 2.35e5 0 

3 1.13e6 0 

4 7.1e5 0 

5 4.13e6 0 

6 2.3e5 0 

7 1e8 1e8 

Table 4  Parameters of SFD 

 Support number L R c Dynamic viscosity [10−2 Pa·s] 

Power-turbine 

rotor 

2 19 23 0.05 

1.0752 

6 15.5 26.5 0.05 

Gas-generator 

rotor 

3 9.5 25.5 0.05 

4 17 26.5 0.05 

3.4  Analysis of unbalanced response 

Based on the rotor-bearing test system in Sect. 2.2 and the FE model established in 

Sect. 3.3, we obtain the unbalanced response of the test system by rotor-bearing tests 

and simulation analysis. We compare the responses obtained by the two methods, 

thereby verifying the accuracy of the dynamic analysis model established by the FE 

method. Because the regular response patterns in the horizontal and vertical directions 

are the same, without loss of generality we take the horizontal response as the 

example for comparative analysis. Figure 4 shows the horizontal-direction test results 

obtained from the measuring points on the GG and PT rotors, and Fig. 5 shows the 

horizontal responses obtained by the FE method from the measuring points on the 

rotor-bearing system. In Figs. 4 and 5, ω1 and ω2 are the fundamental frequencies of 

the GG and PT spools, respectively. 



For safety reasons, the dual-rotor speeds in the tests were increased in two steps: 

in step 1, the GG spool speed was increased from zero to 6000 rpm while the PT 

spool remained stationary; in step 2, the GG spool speed remained at 6000 rpm while 

the PT spool speed was increased from zero to 6000 rpm. In the theoretical analysis, 

to avoid encountering harmonics such as multiples of 0.5, 1.5, or 2, we set the GG 

rotor speed to be 1.3 times the PT one. 

In both the tests and the FE analysis, the results show that the turbine-SSS rotor 

system with SFDs has coupling frequency components of ω1−ω2 and ω1+ω2, and the 

results are consistent. Comparing the test and analysis results verifies the accuracy of 

the analysis model established in Sect. 3.3. 

 
 

(a) (b) 

Fig. 4  Test results: measuring points for (a) gas generator (GG) rotor and (b) power 

turbine (PT) rotor 

  

(a) (b) 

Fig. 5  Simulation analysis results: measuring points for (a) GG rotor and (b) PT rotor 

4  Coupling vibration analysis of rotor-bearing system 

Based on the validated analysis model in Sect. 3.4, we subject the turbine-SSS 

dual-rotor system to coupling vibration research. The parameters studied in this 

section are the imbalance of the PT rotor, the radial and bending stiffnesses of the SSS 



(kxx and kxz), and the radial clearances of SFDs 4 and 6. We also analyze the regular 

influence patterns of each parameter on the amplitudes of the four frequency 

components of ω1, ω2, ω1−ω2, and ω1+ω2. 

4.1  Influence of imbalance of power-turbine rotor 

The imbalance of the PT rotor is given in Table 5, and the other calculation 

parameters of the dynamic analysis model are consistent with those of the model in 

Sect. 3.3. The responses at the measuring point of the PT rotor of the SSS dual-rotor 

system are shown in Fig. 6 for different values of the PT imbalance; Fig. 6a–d show 

the responses of ω1, ω2, ω1−ω2, and ω1+ω2, respectively. The responses at the 

measuring point of the GG rotor of the SSS rotor-bearing system are shown in Fig. 7; 

Fig. 7a–d show the responses of ω1, ω2, ω1−ω2, and ω1+ω2, respectively. 

Table 5  Imbalance of PT rotor 

Model 1 2 3 4 5 

Imbalance [g·cm] 1 3 5 7 9 

Figures 6 and 7 show that the imbalance of the PT rotor has little influence on the 

amplitude corresponding to ω1 at the measuring points of the PT and GG rotors but a 

greater influence on the responses corresponding to ω2, ω1−ω2, and ω1+ω2. The 

responses corresponding to the latter three frequency components all increase with 

increasing imbalance of the PT rotor. When the imbalance of the PT rotor is small, the 

responses corresponding to ω1−ω2, and ω1+ω2 are extremely small and almost 

negligible. Therefore, we reason that exerting strict control over the spool imbalance 

is an effective way to control the coupling vibration response of the SSS rotor-bearing 

system. 
  



  

(a) (b) 

  

(c) (d) 

Fig. 6  Responses at measuring point of PT rotor with influence of PT rotor 

imbalance: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 

  

(a) (b) 

  

(c) (d) 

Fig. 7  Responses at measuring point of GG rotor with influence of PT rotor 

unbalance: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 



4.2  Influence of radial stiffness of shared support structure 

The radial stiffness of the SSS is given in Table 6, and the other calculation 

parameters of the dynamic analysis model are consistent with those of the model in 

Sect. 3.3. 

Table 6  Radial stiffness of shared support structure (SSS) 

Model 1 2 3 4 5 

kxx [N/m] 5×106 1×107 5×107 1×108 5×108 

Figures 8 and 9 show the responses of the SSS rotor-bearing system at the 

measuring points of the PT and GG rotors, respectively, for different values of the 

SSS radial stiffness. Figures 8 and 9 show that with increasing SSS radial stiffness, 

the responses of ω1, ω1−ω2, and ω1+ω2 at the measuring points of both rotors all 

increase initially and then decrease. Figures 8b and 9b show that when the SSS radial 

stiffness is less than 1×107 N/m, the vibration signal of the GG rotor can hardly be 

observed at the measuring points of both rotors. 

Combining the information in Figs. 8 and 9 shows that for a rotor-bearing system 

with an SSS, the probability of coupling vibration arising is reduced by avoiding 

certain specific values of the radial stiffness. Taking the present model as an example, 

from the perspective of reducing the coupling vibration response, the SSS radial 

stiffness should not be close to 5×107 N/m. 

  



  

(a) (b) 

  

(c) (d) 

Fig. 8  Responses at measuring point of PT rotor with influence of radial stiffness of 

SSS: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 

  

(a) (b) 

  

(c) (d) 

Fig. 9  Responses at measuring point of GG rotor with influence of radial stiffness 

of SSS: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 



4.3  Influence of bending stiffness of shared support structure 

The bending stiffness of the SSS is given in Table 7, and the other calculation 

parameters of the dynamic analysis model are consistent with those of the model in 

Sect. 3.3. Figures 10 and 11 show the responses of the SSS rotor-bearing system at the 

measuring points of the PT and GG rotors, respectively, for different values of the 

SSS bending stiffness. 

Table 7  Bending stiffness of SSS 

Model 1 2 3 4 5 

kxz [N/m] 1×104 1×105 1×106 1×107 1×108 

Figures 10 and 11 show that when the SSS bending stiffness exceeds 1×106 N/m, 

the curves almost overlap, and the responses of frequencies ω2, ω1−ω2, and ω1+ω2 are 

small at the measuring points of both the PT and GG rotors. Also, when the SSS 

bending stiffness is low, the responses of ω1, ω2, and ω1−ω2 have additional peaks in 

the low-frequency range. For the present SSS rotor-bearing system, when the SSS 

bending stiffness exceeds 1×106 N/m, the response of the rotor-bearing system no 

longer changes with changes in the SSS bending stiffness. Therefore, optimizing the 

SSS to have greater bending stiffness would help to suppress the low-frequency 

coupling vibration response of the rotor-bearing system and reduce the ω2 response. 
  



  

(a) (b) 

  

(c) (d) 

Fig. 10  Responses at measuring point of PT rotor with influence of bending 

stiffness of SSS: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 

  

(a) (b) 

 
 

(c) (d) 

Fig. 11  Responses at measuring point of GG rotor with influence of bending 

stiffness of SSS: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 



4.4  Influence of radius clearance of SFD 4 

The radius clearance of SFD 4 is given in Table 8 and corresponds to 1–3‰ of the 

journal radius. The other calculation parameters of the dynamic analysis model are 

consistent with those of the model in Sect. 3.3. Figures 12 and 13 show the response 

of the SSS rotor-bearing system at the measuring points of the PT and GG rotors, 

respectively, for different values of the radius clearance of SFD 4. 

Table 8  Radius clearance of SFD 4 

Model 1 (1‰) 2 (1.5‰) 3 (2‰) 4 (2.5‰) 5 (3‰) 

Radius clearance [mm] 0.031 0.046 0.061 0.076 0.092 

Figure 12a–c show that the responses of ω1, ω2, and ω1−ω2 at the measuring 

point of the PT rotor all decrease with increasing radius clearance of SFD 4. Before 

140 Hz, the response of ω1+ω2 at the measuring point of the PT rotor decreases with 

increasing radius clearance, and the peak response decreases by more than 50%. After 

140 Hz, the response of ω1+ω2 for each radius gap is at a low level. Figure 13b and d 

show that the responses of ω2 and ω1+ω2 at the measuring point of the GG rotor 

decrease with increasing radius clearance of SFD 4. The response of ω1−ω2 at the 

measuring point of the GG rotor decreases with increasing radius clearance before 

140 Hz; after 140 Hz, the response of ω1−ω2 does not change regularly with the 

radius clearance of SFD 4, but in general the peak response for large radius clearance 

is smaller than that for small radius clearance. As radius clearance of SFD 4 increases, 

the response of ω1 at the measuring point of the GG rotor increases before 90Hz, and 

then reduces after 90 Hz, but judging from the response amplitude, the response 

amplitude for large oil-film thickness has a smaller range of change and the maximum 

amplitude in the full frequency range is smaller than the response amplitude for small 

radius clearance of SFD 4. 

Therefore, increasing the oil-film clearance of SFD 4 within a reasonable range 

would help to (i) suppress the coupling vibration response of the SSS rotor-bearing 

system and (ii) reduce the responses corresponding to the fundamental frequencies of 

the PT and GG rotors. 



  

(a) (b) 

  

(c) (d) 

Fig. 12  Responses at measuring point of PT rotor with influence of radius clearance 

of SFD 4: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 

  

(a) (b) 

  

(c) (d) 

Fig. 13  Responses at measuring point of GG rotor with influence of radius 

clearance of SFD 4: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 



4.5  Influence of radius clearance of SFD 6 

The radius clearance of SFD 6 is given in Table 9 and corresponds to 1–3‰ of the 

journal radius. The other calculation parameters of the dynamic analysis model are 

consistent with those of the model in Sect. 3.3. Figures 14 and 15 show the responses 

of the SSS rotor-bearing system for different values of the radius clearance of SFD 6. 

Table 9  Radius clearance of SFD 6 

Model 1 (1‰) 2 (1.5‰) 3 (2‰) 4 (2.5‰) 5 (3‰) 

Radius clearance [mm] 0.027 0.040 0.061 0.053 0.080 

Comparing the response amplitudes of each frequency in Figs. 14 and 15 shows 

that the oil-film thickness of SFD 6 has a greater impact on the response amplitudes 

of frequencies ω1 and ω1−ω2 at the measuring points of both the PT and GG rotors but 

little influence on those of ω2 and ω1+ω2. From the perspective of suppressing the 

maximum amplitude, a reasonable increase in the oil-film clearance of SFD 6 would 

help to reduce the response amplitudes of ω1 and ω1−ω2 at the measuring points of the 

PT and GG rotors of the SSS rotor-bearing system. 

  

(a) (b) 

  

(c) (d) 

Fig. 14  Responses at measuring point of PT rotor with influence of radius clearance 

of SFD 6: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 
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(c) (d) 

Fig. 15  Responses at measuring point of GG rotor with influence of radius 

clearance of SFD 6: (a) ω1; (b) ω2; (c) ω1−ω2; (d) ω1+ω2 

5  Conclusions 

Based on the features of a turboshaft engine with a turbine SSS, a test system with a 

turbine SSS was designed, and an FE model of the test system was established. We 

studied how the imbalance of the PT rotor, the radial and bending stiffnesses of the 

SSS, and the radius clearances of the SFDs at the SSS affected the coupling vibration 

response of the rotor-bearing system, and the main conclusions are as follows. 

Both the experimental and theoretical research showed that an SSS rotor-bearing 

system with SFDs may exhibit coupling vibration responses with frequencies ω1−ω2 

and ω1+ω2. 

The experimental verification showed that the dynamic analysis model of the 

rotor-bearing system with an SSS established by FE modeling is accurate and reliable. 

Theoretical research using this dynamic analysis model can better reflect the coupling 

vibration of a rotor-bearing system with an SSS. 

The spool imbalance in an aeroengine has a greater impact on the coupling 

vibration response of a rotor-bearing system with an SSS. Exerting strict control over 



the spool imbalance would help to suppress the coupling vibration response of a 

rotor-bearing system with an SSS. 

The SSS radial stiffness (kxx) should avoid certain specific frequency components 

to reduce the probability of coupling vibration arising in an SSS rotor-bearing system. 

Furthermore, a larger SSS bending stiffness (kxz) has a positive impact on suppressing 

the coupling vibration response of a rotor-bearing system with an SSS. 

Finally, in a reasonable range, increasing the radial clearances of the SFDs at the 

SSS would help to reduce the response amplitude of a rotor-bearing system with an 

SSS. 
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