
A Single Stage Spool Valve for the Pressure
Compensator of a Variable Displacement Pump –
Design, Dynamic Simulation and Comparative Study
With A Real Pump
Nitesh Mondal  (  niteshju@yahoo.com )

Techno India University
Rana Saha 

Jadavpur University
Dipankar Sanyal 

Jadavpur University

Original Article

Keywords: Electrohydraulic Power System, Design Technique, Modeling and Simulation, Sensitivity
Analysis, Experimental Veri�cation

Posted Date: May 18th, 2021

DOI: https://doi.org/10.21203/rs.3.rs-518623/v1

License:   This work is licensed under a Creative Commons Attribution 4.0 International License.  
Read Full License

https://doi.org/10.21203/rs.3.rs-518623/v1
mailto:niteshju@yahoo.com
https://doi.org/10.21203/rs.3.rs-518623/v1
https://creativecommons.org/licenses/by/4.0/


A single stage spool valve for the pressure compensator of a variable displacement 

pump – Design, dynamic simulation and comparative study with a real pump 

 

Nitesh Mondal1* , Rana Saha2, Dipankar Sanyal2 

 
1Department of Aerospace Engineering and Applied Mechanics, Indian Institute of       

Engineering Science and Technology, Shibpur, Howrah, India, 711103. 
2Department of Mechanical Engineering, Jadavpur University, Kolkata, India, 700032.  

*Corresponding Author: niteshju@yahoo.com 

 

ABSTRACT 

The study is focused on the design of a simplified spool valve to be incorporated in the 

pressure compensator of a variable displacement axial piston pump in order to perform a 

comparative study with a commercial pump having a two stage spool valve in its 

compensator. The design involves evaluation of the spool size and selection of spring 

from static equilibrium condition to satisfy cut-in and cut-off pressure. Following the 

development of dynamic model of the system, a design sensitivity analysis of the spool 

valve has been carried out through simulation to identify the critical sizes of the 

parameters, which affect the pump performance. By systematic design, it is possible to 

have a single stage spool valve controlled pressure compensator that can produce 

performance of the variable displacement axial piston pump at par with the similar 

commercially available pump. 

Keywords: Electrohydraulic Power System, Design Technique, Modeling and 

Simulation, Sensitivity Analysis, Experimental Verification. 

 

1 INTRODUCTION 

The variable axial piston pump has a wide range of applications in the field of aerospace 

to heavy industries because of their variable displacement capabilities, high working 

pressures, high volumetric efficiencies, and high power densities [1, 2]. Such pumps with 

pressure compensator have demand in systems, where fast speed of response and power 

saving are of utmost importance. The power saving properties of the variable 

displacement axial piston pump makes the hydraulic circuit energy efficient [3]. There 

have been numerous research works particularly on different aspects of swash plate type 

axial piston pump having fixed swash angle. Ye et al. [4] developed a pump model to 

capture the different source of noise and introducing a damping hole in the valve plate to 

reduce the noise emitted from the pump. Wang [5] obtained the mathematical relation 

between valve plate timings and pressure carryover angles which subsequently used to 

investigate the containment forces and moments to address the sound properties of the 

pump and optimize the designs. A software based investigation had been carried out to 

improve the pump performance and to study the cavitation characteristic including the 

turbulence model, cavitation model and effect of fluid compressibility by Zhao et al. [6] 

through CFD simulation.  Wang [7] established a strong relationship between the valve 

plate geometry and volumetric efficiency of an axial piston pump. Flow and pressure 

ripples are the major drawback for any positive displacement pump. Zheng et al. [8] 

numerically studied the effect of piston groove pattern and groove design on the pressure 



balance and flow through the groove ..Kemmetmuller et al. [9] gave an idea about the 

mathematical model and control design strategy of a nonlinear pressure controlled self-

supplied variable displacement axial piston pump, which had a single stage proportional 

directional control spool valve and a spring loaded actuator to control the swash angle. 

Wei et al. [10] used a separate pump to supply the pilot pressure to operate the spool 

valve and used a control cylinder with a bias spring to make the pump variable. To 

provide better damping and reducing the pressure gain in dynamics performance of the 

pump, an orifice was placed between spool valve and control cylinder by Kaliafetis et al. 

[11]. Zhou et al. [12] studied about dynamic lubrication between the slipper pad and 

swash plate experimentally for an axial piston pump. To increase the power density of a 

hydraulic machine Marning et al. [13] identified some significant parameters and 

recognized four dimensionless quantities, which helped to improve the power density of 

the axial piston machine.  From the available previous literatures, it can be seen that there 

are not much works addressing the methodology to develop the control spool of the 

mechanism for achieving variable displacement feature of axial piston pump. In a very 

recent work Mondal et al. [14] formulated an innovative design procedure by developing 

a mathematical model for the pressure compensator of an axial piston pump. Following 

the same methodology, in the present work design of a rather simple single stage control 

spool valve has been taken up with an aim to replace the commercially used two stage 

valve. A parametric study has been conducted through simulation to evaluate the 

dynamic performance of an axial piston pump, having the designed single stage control 

spool valve in the compensator. The performance of the designed spool valve driven 

pressure compensator has been analyzed and compared both through simulation and 

experiment, with the performance of a commercial pump having two stage control valve. 

During design and development stages, analysis through simulation is preferred [15] 

followed by comparing with experimental results. 

As shown in Fig. 1, the basic functioning of the axial piston pump is based on the 

reciprocation of the individual pistons housed inside a barrel and one end of it is mounted 

on an inclined surface known as swash plate. By the rotation of the barrel, the pistons 

travel over the swash plate resulting reciprocation. Each of the other ends of the pistons is 

exposed to barrel cylinder, which acts as the pumping chamber. The motion of the piston 

causes volumetric displacement of the pumping chamber, which has periodic connections 

with suction and delivery manifolds through a disc known as valve plate. The algebraic 

sum of discharge through each piston results overall delivery flow rate of the pump. For a 

fixed displacement pump, the volumetric displacement per rotation remains constant, 

while that can be varied by appropriate mechanism in a variable displacement pump. 

Such mechanism for an axial piston pump is known as pressure compensator.  

The pressure compensator arrangement of this pump consists of a single stage control 

spool valve and two actuators acting in opposite manner against the swash plate at the 

two ends. The balancing of torque on the swash plate produced by these actuator pistons 

and the barrel pistons of the pump at different swash angle is the basic principle behind 

variable displacement operation of the pump. One of the actuators, called the stroking 

cylinder is connected to the delivery line of the pump through the spool valve. The other 

spring loaded actuator, termed as the rate cylinder, is also connected to the delivery 

manifold of the pump. So there is a pressure feedback to the upstream side of the rate 

piston and this type of arrangement is called rate feedback. The objective of this 



arrangement is to go for a much lower stiffness spring on the rate cylinder. The pre-set 

compression of the spring in the rate cylinder determines the swash angle corresponding 

to which the pump has a rated pressure and discharge. Change in swash angle thereby the 

variable displacement feature of such a pump depends on the commencement of the 

displacement of a spool valve [10, 16]. The activation of the spool valve is controlled by 

a reference delivery pressure also known as the pilot pressure of the spool valve, which is 

governed by the pre-compression of a spring fitted at the end of spool valve. This 

reference pressure is also known as cut-in pressure of the system beyond which the spool 

ports begin to open so that pressurized oil comes from delivery manifold to stroking 

cylinder through metered opening of spool valve. The high pressure oil acts on the 

stroking piston to produce additional torque on the swash plate causing unbalance to the 

equilibrium. As a result the swash plate starts rotating in the direction of the applied 

additional torque. Therefore, the swash angle gets reduced causing further compression in 

the spring of the rate piston. The presence of high pressure oil in the rate cylinder along 

with compression in the spring causes the opposing torque to increase that ultimately will 

ensure a new equilibrium. A situation will arise, when the swash angle becomes 

minimum at equilibrium. The delivery pressure at that condition is known as cut-off 

pressure. Since the swash angle governs the swept volume of the barrel piston, minimum 

swash angle will correspond to minimum flow rate of the pump at maximum pressure 

(cut-off). This will result minimum power loss, which otherwise will be maximum if 

using a pressure relief valve with a fixed displacement pump. 

Following the methodology proposed in an earlier work [14], the present work has been 

organised first by focusing on the design of a single stage spool valve for the pressure 

compensator of pump. The design involves evaluation of the spool size and selection of 

spring from static equilibrium condition to satisfy cut-in and cut-off pressure. Following 

the development of dynamic model of the system with subsequent implementation in 

MATLAB/SIMULINK environment, other parameters of the spool valve that could 

affect the performance of the pump have been evaluated through dynamic simulation. 

Results obtained from simulation for the present design has been compared with a 

commercial pump (A10VSO45 series pump from Rexroth) [17] having compensator with 

double spool in order to study the effectiveness of the simplified compensator design. 



 

Fig. 1 Schematic of a swash-plate axial piston pump with pressure compensator 

 

2 DESIGN OF SPOOL VALVE FROM STATIC CONDITION 

The spool valve is the key element in the pressure compensator. The performance of the 

spool valve governs the characteristics of variable displacement axial piston pump. 

Following are the considerations for the design of spring and spool land of the spool 

valve, the schematic of which is shown in Fig. 2. 

a) The spool displacement starts at cut-in pressure Pdci, and attains its maximum 

displacement at the cut-off pressure Pdco. 

b) The flow force Fs, acting on the spool is neglected under static condition.  

c) The effect of radial clearance is neglected.  

In static condition at the cut-in limit, the active pressure *
dP  acting at the left side of the 

spool remains at Pdci, whereas the back pressure Pl acting on the right side of the spool 

remains at the case pressure Pr. Under this situation the hydraulic force on the spool 

should be balanced by the spring force due to a spring pre-compression 0sδ leading to the 

relation 

0

2 )4/)(( sssrdci δkdPP =−  .                   (1a) 

For a realistic choice, following the previous approach of Mondal et al.[14], of both the 

spool land diameter, ds and spring pre-compression, 0sδ , the spring stiffness sk  has been 

estimated. A feasible size of the spring in terms of coil diameter, wire diameter, number 

of coil turns has been selected using a well-known relation [18] so as to match the 

estimated stiffness. The equation is 

nD

Gd
ks 3

4

8
= ,                    (1b) 

where G is the modulus of rigidity of the spring material, d is the wire diameter, D is the 

mean coil diameter and n is the number of turns. 



In order to accommodate the available spring, necessary modifications in terms of 

increase in the right side spool land diameter and the chamber length have been done. It 

can be observed that this diameter dsr could be larger than the diameters (ds) of the other 

two lands. However, this increase in size would not alter the force balance equation as 

long as both sides of this land experience the case pressure
rP , typically for the situation 

under static condition. 

The maximum spool displacement, which is also the maximum spring compression, is 

obtained from the static force balance at cut-off condition given by 

)()4/()4/( max0

22

svsssrrsdco xkdPdP +=−  .                     (2) 

Table 1 lists the parameters some of which has been chosen from the earlier experience 

[14], while others are obtained from the above conditions. 

 

 

Fig. 2 Schematic of the single-stage control spool valve 

 

 

 

 

 
 

Fig. 3 Free body diagram of the spool 

 

 

 

 



Table 1  Parameter values for the designed pressure compensator 

Parameter 

(Chosen) 

Value Parameter 

(obtained) 

Value 

sd  6.5 x 10-3 m 
sk  68786 N/m 

0sδ  8.6 x 10-3 m 
maxsvx  2.408 x10 -4 m 

G 79.3 x 10 9 

Pa 
srd  20.5 m 

d 4 x 10 -3 m D 16 x 10 -3 m 

n 8   

 

3 DYNAMIC MODEL OF THE COMPENSATOR SYSTEM 

3.1 Spool Valve Dynamics  

As shown in Fig. 2, the left side of the spool valve is connected to the delivery side of the 

pump through an entry orifice of diameter dod, due to which the pressure remains at *
dP  

instead of delivery pressure Pd. The right end side of the spool is connected to the 

reservoir through an orifice of diameter dor, due to which the pressure remains at Pl 

instead of reservoir pressure Pr. The chamber between the middle and right land of the 

spool valve is directly connected to the reservoir, thereby considered to experience the 

same reservoir pressure. This pressure acting on both the opposing surfaces will not result 

any net force acting on the spool. Under these considerations and with reference to Fig. 3, 

the spool displacement equation, in terms of the conditions between the net hydraulic 

pressure force Fp and the spring force Fsf, can be written as  

0=svx  for 0ssp kF  ,             (3a) 

svsfsdpsv mFFFFx /)( −−−= for 0ssp kF  ,               (3b) 

where Fd is the transient flow force and Fs is the steady flow force acting on the spool 

expressed respectively from Merrit [19] as 

)( lursvdd QlQlF  −=  ,           (4a) 

}cos)(cos)({2 *
jrrscrjdscddvds PPAPPACCF  −+−= ,        (4b) 

where Cd and Cv are the coefficients of discharge and velocity respectively, ld and lr are 

the two damping lengths as shown in Fig. 2. The two metered flows Qsv from the spool 

valve to the stroking cylinder and Qlu to the return chamber from the stroking cylinder 

can be expressed in terms of the respective pressure drops as  

scdscdddsv PPρPPACQ −−= ** sgn/)(2 ,          (4c) 

and rscrscrdlu PPρPPACQ −−= sgn/)(2 ,          (4d) 

where θjd and θjr are respectively the jet angles of the metered flows 
svQ  and 

luQ . 

Assuming near-zero radial clearance both the jet angles are assigned as 690 from Merrit 

[19]. From the geometry shown in Fig. 2, the variable opening areas Ad and Ar due to the 

spool displacement can be expressed as 

2/)}(sin{2
ddppd rnA  −= ,         (5a) 



and 2/)}(sin{2
rrppr rnA  −= ,         (5b) 

for np numbers of circular port cuts of radius rp, where as θd and θr are the angles 

subtended by the intersections of the spool land with the circular port cut at the delivery 

and return sides respectively as shown in the expanded view in Fig. 2. For a spool 

displacement xsv, overlap od at the delivery side and underlap ur at the return side, these 

angles can be obtained as 

}/)0,max(1{cos2 1
pdsvd roxθ −−= − ,        (6a) 

and }/)0,max(1{cos2 1
psvrr rxuθ −−= − .        (6b) 

Considering compressibility effect, the dynamics of the pressure *

dP  in the left chamber of 

the spool valve can be expressed in terms of the velocity of the spool, flow rate through 

the entry orifice, bulk modulus of the working fluid and dead volume of the chamber as 

},)4/(/{})4/({ 2

0

2*

svssvsold xdvxdQP  +−=          (7a) 

in which the flow rate Qol through the entry orifice of diameter dod can be expressed as  
**2 sgn/)(2)4/( ddddoddol PPρPPdπCQ −−= .        (7b) 

In case, the pressure in the left chamber of the spool valve is considered same as the 

delivery pressure of the valve, the flow rate Qol can be found using continuity equation 

inside the chamber considering incompressible flow as 

svsol xdQ )4/( 2= .                   (7c) 

In a ploy to achieve damping in the spool motion, an orifice of diameter dor is provided in 

the drain side of the spool valve as shown in Fig. 2, such that a back pressure Pl is 

developed at the return side chamber due to which a force acts on the rightmost spool 

land opposing the spool motion as written in Eq. (3b). In terms of the spool motion and 

bulk modulus β , the dynamics of this back pressure is expressed as 

)})(4/(/{)})4/({ 22
svsrororsvorl xldQxdβP −−=   ,        (8a) 

where lsr is the length of the rightmost spool chamber after the pre-compression that can 

be evaluated from the knowledge of the free length of the spring selected through static 

design and the amount of pre-compression and Qor is the flow through this damping 

orifice given by 

rlrlordor PPρPPdπCQ −−= sgn/)(2)4/( 2 ,                 (8b) 

In case, the back pressure is considered same as the case pressure of Pr, the flow rate Qor 

can be found using continuity equation inside the chamber considering incompressible 

flow as 

svoror xdQ )4/( 2= .         (8c) 

Satisfying continuity across the valve, the flow Qsc entering to the stroking cylinder from 

the spool valve that can be written from Fig. 2 as, 

clusvsc QQQQ −−= ,         (9a) 

where Qc is the flow through the clearance orifice of diameter dc of the spool valve that 

can be expressed as 

rscrsccdc PPρPPdcQ −−= sgn/)(2)4/( 2 ,        (9b) 

while, Qsv and Qlu have already modelled in Eqs. (4c) and (4d). 

Of course, there is a direct interaction of the spool valve dynamics with the swivelling 

dynamics of the swash plate including the rate and stroking cylinders of the pressure 



compensator. The mathematical model for the dynamics of the pressure compensator are 

elaborated next, with reference to Fig.4, keeping the static design of rate and stroking 

cylinder same as in the previous work by Mondal et al. [14]. 

 
Fig. 4 Cylinders position against swash plate 

 

3.2 Modeling of Swash Plate and Associated Motion Dynamics 

When the delivery pressure goes beyond the cut in pressure, the displacement of the 

spool in the valve sets in and a coupled dynamics of motion takes place amongst the 

stroking piston, rate piston, barrel pistons and the swash-plate with mass moment of 

inertia Isw. Figure 4 represents such an arrangement of the swash plate in which one barrel 

piston (ith barrel) is shown representatively. The equation of the swivelling dynamics to 

find out the instantaneous swash angle λ, can be derived with reference to this figure and 

is expressed as  

)( 22
rtrstssw lmlmI ++  

)}]9/)1(2cos({)[(
9

1
−+−+−=  =

itRxmFlFlF p
i

pippirtrpstsp   ,                (10a) 

where lst and lrt are the distances from the barrel axis to stroking cylinder and rate 

cylinder respectively. Rp is the pitch circle radius of the barrel and  is the angular speed 

of the barrel. The initial value of the swash angle is considered as λci. 

The angular motion of the swash plate and the linear motions of the stroking and rate 

pistons are correlated through angular acceleration of the swash plate and the respective 

radii of curvatures lst and lrt, as  


sts lx = ,                   (10b) 

and 
rtr lx = .                   (10c) 

The acceleration pix  of the ith barrel piston can be obtained from the instantaneous 

position xpi of the piston, which is expressed in terms of the variable swash angle   and 

the speed of barrel rotation  as  

 tan}]9/)1(2cos{1[ −+−= itRx ppi .                            (10d) 



In Eq. (10a), Fsp, Frp and Fpi are the combined forces other than inertia acting respectively 

on the stroking, rate and ith barrel piston. In general, this force, netF  is composed of 

pressure force, fhyd, viscous friction force, fric and spring force, fspr if any, so as to write 

sprfrichydnet fffF ++= .         (11) 

The force components of the above equation for the respective pistons are furnished, with 

reference to Fig. 4, in Table 2. The sense of any force is considered positive for the 

direction left to right. All the notations used in Table 2 are shown in Fig.4, which are self-

explanatory.  

 

Table 2  Composition of forces for different pistons 

Piston netF  hydf  fricf  sprf  

Stroking spF  )4/)(( 2
sprsc dPP −  scsssssp cxxlld /)( 0

−−−  No spring 

Rate rpF  )4/)(( 2
rprrc dPP −  rcrrrrp cxxld /)( 0

+  )( 0 rr xδk +  

ith Barrel piF  )4/)(( 2
prpi dPP −  bcpiippipip cxllxd /)( 0 −−−   No spring 

 

3.3 Modeling of Pressure Dynamics inside the Cylinders 

The stroking, rate and barrel are the three types of cylinders in the pump that have their 

pistons reciprocating inside, thereby causing volumetric changes. Due to this motion, the 

respective pressure inside the cylinder chamber will have a dynamics that can be 

modelled considering compressibility of the oil. From the definition of bulk modulus, the 

rate of change of pressure inside a changing volume V, which is having an inlet flow Qin 

and leakage flow from the volume Qleak, can be expressed as, 

VVQQP leakincyl /)(  −−=  .                    (12) 

in which Qleak is composed of the flow through the clearance between piston and 

cylinder. Hydraulic oil leakage has significant effect on the pump efficiency and the 

leakage depends on the pressure [20]. Only in case of the barrel there will be an 

additional leakage path for the supply of oil to the interface of piston shoe and slipper 

pad. Considering fully developed laminar flow through these passages, the respective 

leakage flow rates given in Table 3 can be expressed in general from [21, 22] as 

)}(12/{))(( 3
ssosrscscsplsc xllPPcdQ −−−=  ,                    (13a) 

)}/(12/{))(( 3
strtsrorrcrcrplrc llxlPPcdQ +−=  ,                            (13b) 

)}(12/{))(( 0
3

piippirpibcplki xllPPcdQ −−−=  ,                 (13c) 

and )128/())(( 4
brpidlci lPPdQ  −= .      (13d) 

The pressure terms other than the case pressure involved in Eq. (11) and Table 2 can be 

obtained by solving Eqs. (12) and (13), where the respective terms are elaborated in 

Table 3 with reference to Fig. 4. 

 

 

 

 

 



Table 3  Cylinder wise terms involved in the respective pressure dynamics 

Cylinder cylP
 inQ  leakQ  V  V  

Stroking scP  scQ  
lscQ  

ssp xd 2)4/(  ))(4/( 2
sssp xld +  

Rate rcP  rcQ  
lrcQ  

rrp xd 2)4/(−  )tan)(4/( 2
rcirtrrp xlld −+   

ith Barrel piP  disi QQ −
 lkilci QQ +  pip xd 2)4/(−

 
))(4/( 0

2
piippip xlld +−

 

 

In Table 3, the inlet flow Qsc has already been defined in Eq. (9a), whereas Qrc is the flow 

coming from the delivery line of the pump to the rate cylinder through an orifice of area 

A0 given by 

rrcrrcdrc PPρPPAcQ −−= sgn/)(20 .                   (14) 

Now Qdi and Qsi are the delivery and suction flow rate of ith pump barrel. The engagement 

of ith barrel cylinder during its reciprocation with the respective manifolds, results in 

delivery and suction flow rates given respectively as 

dpidpididdi PPPPACQ −−= sgn/2  .                   (15) 

and pispissidsi PPPPACQ −−= sgn/2  .                   (16) 

where the respective engaged areas 
diA  and 

siA  are at delivery and suction sides. The 

variation of these areas with barrel rotation are obtained following the methodology used 

in Mandal et al. [16, 23]. 

3.4 Modeling of Pressure and Flow External to the Pump 

 The dynamics of pressures 
dP  and 

sP in the respective delivery and suction manifolds 

can be obtained by considering compressibility effect in the volume Vpd between delivery 

port and load orifice upstream and the volume Vps of reservoir and suction port together. 

Assuming no leakage outside the pump, it is considered that the flow coming out from 

the load orifice QL re-enters the pump through the suction manifold. Hence, with 

reference to Fig. 1, the pressure rates can be expressed as 

pdolrcL

n

i

did VQQQQP /][
1

−−−= 
=

         (17) 

and ps

n

i

siorluLs VQQQQP /][
1


=

−++=          (18) 

Now, the flow through the load orifice of area 
LA  can be expressed as 

( ) /2 rdLdL PPACQ −=          (19) 

To evaluate the dynamic performance of the pump the additional parameters used in 

simulation are furnished in Table 4. 

 

4 PARAMETER SIZING THROUGH SIMULATION  

Axial piston pumps are beneficial in terms of compactness and reliability [24]. There are 

various parameters that have significant influence in pump performance. The dynamic 

model of the compensator system and the pump described in the earlier section through 

Eqs. (3) to (19) have been coded as a Matlab/Simulink (version 8.0) model. The model is 

being run using ODE4 (Runge-Kutta) solver with fixed time step of 2.5×10-7s. Apart 



from using the parameter values listed in Table 1 and 4, the input required to run the 

simulation are the speed of barrel rotation  and the loading condition of the pump 

represented by the area AL of the load orifice in Eq. (19). Unless otherwise mentioned, for 

all the simulation and experiment exercises, the load orifice area is set initially at a value 

that corresponds to the near cut-in delivery pressure of 19 MPa. This area is retained for 

up to 30ms after which for the next 40 ms, the area is decreased linearly towards full 

closure and maintaining it for 40 ms targeting the cut-off condition. After that the area is 

increased in a same linear manner such that the pump will return back to its cut-in 

condition. Figure 5 shows the typical variation of the load orifice area, which has been 

input to the simulation model. The speed of barrel rotation is set at 1500 rpm, same as 

measured in the experimental setup. In this section the design analysis of single stage 

spool has been carried out and the pressure dynamics of the pump has been validated 

with the simulation performance in terms of pressure of the pump which has a 

compensator with double spool and the experimental pressure dynamics of the pump 

which also has double stage spool valve. 

 

Table 4  Additional parameters required for dynamic simulation 

Parameter Value Parameter Value 

0A  1.767x 10 -6 m2 
0rl  10 x 10 -3 m 

LA  8.66 x 10-5 m2 
sl  48 x 10 -3 m 

bcC  11 μm 
0sl  5 x 10 -3  m 

rcC  70 μm 
srl  41.5 x 10-3 m 

scC  39 μm ,stl rtl  50 x 10-3 m 

rpd  9 x 10-3 m pm  0.0306 kg 

spd  12.85 x 10-3 m 
rm  0.052 kg 

sI  985.992 x 10-9 kg-m2 
sm  0.041 kg 

bl  15 x 10-3 m2 
svm  0.02 kg 

rd ll ,  15 x 10 -3 m ,dO ru  10 μm, 90 μm 

pil  65.5 x 10-3 m pR  35 x 10-3 m 

ipl 0
 10 x 10-3 m dpV  1.44 x 10-3 m3 

rl  35 x 10 -3 m psV  0.714 m3 

 
Fig. 5 Loading pattern to the axial piston pump by changing orifice area 



 

4.1 Effect of Considering Compressibility Model at Delivery Chamber of Spool 

Valve 

 Before the parametric study, the need of considering separate pressure node *

dP  at the 

delivery chamber of the spool valve has been studied. Such consideration calls for 

inclusion of Eqs. (7a) and (7b) in the simulation and termed as compressible model while 

if the delivery chamber of the valve is considered to remain same as delivery pressure Pd, 

of the pump, the same is termed as incompressible. In such case, Eqs. (7a) and (7b) need 

to be replaced by Eq. (7c) in the simulation. The study has been done in terms of 

observing the predictions of delivery pressure, spool displacement and pressure inside the 

stroking cylinder for the loading pattern mentioned above. Figure 6 shows the 

comparison between the two modeling approaches. It can be seen that there are hardly 

any differences in the predictions following the two different methods. However, in order 

to evaluate the size of the entry orifice, depicted in the next section, the compressible 

model has been used. 

 
Fig. 6 Effect of compressible model in the extreme left chamber of the spool valve  



 

4.2 Evaluation of the Size of Entry Orifice to the Spool Valve  

Figure 7 depicts the performance of the pump for different delivery orifice at the spool 

valve. This orifice acts as a bridge element between the pump and the spool valve. The 

delivery line of the pump is connected to the spool valve through this orifice. The 

diameter of the orifice has been varied from zero to 1 mm and the performance of the 

pump has been predicted in terms of delivery pressure, swash angle and flow rate 

characteristics of the pump for the same loading pattern shown in Fig. 5. Of course in 

Fig.7 zero size orifice is indicated as ‘no orifice’ in which the left spool chamber is 
directly connected with the pump. It is clear from the figure that there is very little 

difference in terms of the performance of the pump with or without having an orifice at 

the entry of the spool valve. Hence, for the spool valve, no entry orifice has been 

suggested and accordingly for the rest of the study, incompressible model has been used 

at the delivery chamber of the spool valve for it takes less simulation runtime. 

 



 

Fig. 7 Effect of entry orifice the spool valve  

 

4.3 Evaluation of the Size of Drain Side Orifice of the Spool Valve 

A similar study has been conducted by varying the drain orifice diameter from 1mm to 

3mm in which Eqs. (8b) and (8c) have been invoked, while for no drain orifice case, Eq. 

(8c) has been used. Figure 8 illustrates the comparison of the performances in terms of 

delivery pressure, swash angle and delivery flow rate characteristics for load variation 

depicted in Fig. 5. The study reveals that direct drain connection between the spool end 

chamber and reservoir is the best option. Introduction of orifice creates back pressure due 

to which during increase in loading on the pump more amount of force was required to 

move the spool against the spring force. As a result the delivery pressure shoots up 

beyond the designed cut-off pressure, particularly for orifices of 1mm and 2mm sizes. 

For these orifices, the internal dynamics of the pump take longer time to stabilize the 

swash plate for near zero delivery flow rate due to full closure of the load orifice. 

Consequently, after withdrawal of the loading, it takes more time for the flow and 



delivery pressure to recover to the cut-in setting. Increasing the diameter of the orifice 

(3mm) close to the no orifice situation shows better performance of the pump. Therefore, 

it is suggested that no orifice may be used at the drain side of the valve. In absence of 

orifice, for the rest of the study, Eq. (8c) has been used as a model of drain flow rate. 

 

 

Fig. 8 Effect of drain side orifice of the spool valve 

 

4.4 Effect of Over-Lap and Under-Lap of the Spool Valve on the Pump 

Performance 

The lap condition of the central spool land has a great influence on the pump dynamics. 

In the studies conducted in the previous sections, the central spool land was considered to 

have overlap do  of 10μm at the left side and underlap ru of 90μm at the right side of it 
with respect to the metered port shown in Fig. 2. Now a set of lap combinations have  



 

Fig. 9 Effect of over-lap and under-lap of the spool valve  

 

been studied without altering the main configuration of the spool valve. In fact the study 

has been extended for reverse lap condition in which the central spool land is under 



lapped at left side and overlapped at right side. Figure 9 shows the result of the study, 

where both are denoted with negative signs. All the performance predictions have been 

made against same area pattern of load orifice shown in Fig. 5. It can be observed that 

within a range of the lap conditions of the spool valve, the performance of the pump 

remains satisfactory. The study also reveals that reversed lap condition in the order of 

25μm underlap and 105μm overlap may be admissible. Up to the lap condition in the 
order of 100μm overlap and 180μm underlap, the pump operates within the designed cut-
in and cut-off condition. The degradation in the performance for larger reversed lap is 

due to the fact that at the beginning of the pump operation, the stroking cylinder is 

directly connected to the pump delivery line, which affects the cut-in pressure of the 

pump. On the other hand, for the larger overlap at the left side of the spool, the cut-off 

pressure is increased because more pressure force is required to overcome the overlap 

length. The corresponding dynamic characteristics of spool valve displacement, swash 

angle and flow rate of the pump are also shown in Fig. 9(c) and 9(d). 

 

4.5 Evaluation of the Size of Clearance Orifice 

As shown in Fig. 2, the additional orifice added between the spool valve and stroking 

cylinder plays an important role particularly during transition from cut-off to cut-in 

operating condition. It has a small influence on the cut-off pressure setting, but it is really 

important when the load valve comes back from its cut-off area setting to cut-in area 

setting and stays steadily within the cut-in area zone. This orifice acts as a bypass route of 

the pressurized fluid of stroking cylinder when the load of the pump is being reduced 

from cut-off to cut-in condition and even below that. The pre-compression of the spring 

of the spool valve causes closure of the metered port once the load is reduced. For 

depressurization of the stroking cylinder, the entrapped oil needs to be leaked to the case 

drain. The radial clearance and the underlap of the spool land may not be sufficient to 

provide the leakage necessary for the depressurization so that the swash plate can able to 

come back to its rated orientation. This is evident from Fig. 10, where the performance of 

the pump has been studied for different sizes of the clearance orifice starting from zero 

size orifice, equivalent to no orifice. The same loading pattern as shown in Fig. 5 has also 

been used for this study and apart from varying the diameter of the clearance orifice; all 

other parameters are kept at their nominal values. It can be seen that for a diameter of 

750μm, the recovery of cut-in pressure from cut-off pressure occurs in the pump in a 

smooth manner. The behaviours of swash angle and the delivery flow rate also have been 

found to satisfactory. Below this size of orifice, the return of the swash angle to its rated 

value gets delayed as can be observed from the figure thereby the delivery pressure and 

flow rate of the pump get affected. Orifice size of 1mm has resulted higher pressure 

ripple due to oscillations in the swash dynamics. Therefore, from this study, the size of 

the clearance orifice has been recommended as 750μm. The sizing of the spool valve 
obtained from dynamic simulation has been furnished in Table 5.  



 
Fig. 10 Effect of clearance orifice of the spool valve 

 

 

 

5 PERFORMANCE ANALYSIS BETWEEN DOUBLE SPOOL 

COMPENSATOR WITH SINGLE SPOOL COMPENSATOR  

Figure 11 presents the comparison of the dynamic performance of the present pressure 

compensator with another one having a two stage spool valve developed in an earlier 

study [14]. In both the cases apart from the spool valves all other components of the 

pump remain same. The pump dynamics has been studied for the same load dynamics as 

shown in Fig. 5. It can be observed from Fig.11(a) that a pressure overshoot appears 

when the orifice goes from cut-in area to cut-off area in both types of pressure 

compensators. However peak overshoot is more in the case of the compensator with two 

stage spool valve. The primary reason behind this feature may be attributed to the 



combined effect of the two springs associated with the spool ends, although both the 

designs of pressure compensator maintain the same cut-in pressure but the cut-off 

pressure is high in case of compensator with double spool. Figure 11(b) illustrates that 

the pressure ripples in the rate cylinder at the valve transient region and the full load 

region is slightly more in case of single spool compensator design. The stroking cylinder 

pressure dynamics has been shown in the Fig.11(c). Figures 11(d) and 11(e) demonstrate 

the features of swash plate dynamics and the flow dynamics of the system. At the cut-off 

region, the flow is nearly zero for both the cases, but the swash angle is less in case of 

compensator with two stage spool valve than compensator with single stage spool valve. 

 

 



 

Fig. 11 Performance comparisons between two compensators 

 

Table 5  Parameters obtained from dynamic simulation 

 Parameter Value Parameter Value 

odd  
Not required 

du  - 105 μm to 180 μm 

ord
 

Not required cd
 0.75 m 

dO
 

-25 μm to 100 μm   

 

6 PERFORMANCE COMPARISON WITH A REAL PUMP 

The objective of this section is to verify whether the simulated performance of the axial 

piston pump having the designed single spool compensator matches with a commercially 

available similar pump but having double spool compensator. In the earlier study made 

by Mondal et al. [14], the same experimental test setup had been used to verify the 

correctness of the simulation software and the design methodology. In Fig.12(a) the 

complete circuit has been shown with the symbolic representation of the components and 



sensors. A standard petroleum based hydraulic oil (HLP68) is used as working fluid. The 

pump has been driven by a three phase induction motor controlled by a variable 

frequency drive (VFD) as per requirement of the speed. The variable displacement swash 

plate type axial piston pump and two cylinders, rate and stroking are housed in a single 

casing. The spool valve is fitted on the pump casing. Some components like filter and 

proportional valve are connected in series, while the pressure relief valve and pressure 

transducer are connected in parallel to the circuit. A proportional solenoid operated 

direction as well as flow control valve PV with an integrated control electronics ICE 

module mounted on it, has been used as the load orifice. The system is operated via an 

algorithm developed on the LabVIEW (version 2013) environment installed on the 

HOST PC. The algorithm generates a continuous voltage which is fed to the PV via the 

output module OM (NI 9263) of the NI-cRIO 9081 real time system RTS. The pump 

pressure is measured corresponding to this voltage feed via the pressure transducer PT. 

The analog signals from the PT are relayed back to the HOST PC for purposes of storage 

and analysis via the input module IM of the RTS.A photographic view of the setup with 

different components has been shown in Fig. 12(b), while the details of the hydraulic and 

electrical components have been given in Table 6. 

The pressure compensator model which consists of a single stage spool valve has been 

verified with the experimental result and simulation of system with two stage spool valve 

subjected to same loading pattern. The loading has been obtained by varying the 

command signal to the PV as shown in Fig. 13(a). Figure 13(b) shows the performance 

comparison result in terms of the delivery pressure characteristics against the loading 

pattern. The spring pre-compression setting of the single spool valve has been adjusted to 

0.0072 m to have a satisfactory matching with the experimental one. In case of 

compensator with double spool, the spring pre-compression setting of the bottom spool is 

kept fixed at 0.00415m, while that for the top spool is set at 0.0086m to match with the 

experimental result as shown in Fig.13(a). It may be mentioned that although the 

compensator design with single spool valve has been performed for 20 MPa cut-off 

pressure, it has been set as 18.5 MPa for the verification study to maintain consistency 

with a factory set cut-off value of the real pump. 

 



 
Fig. 12 Experimental circuit diagram 

 

Table 6 Details of the set-up components 

Component (make) Specifications 

Motor, M (ABB) 3-phase; 37 KW; 2945 rpm; 

Variable Frequency Drive, VFD 

(ABB) 

30 kW 

Pump,P(Rexroth) A10VSO 45DR/31; 

Pressure Transducer, PT (Kistler) 0-200 bar; Temp:-20…+85°C 

Filter, F (Stauff)  Maximum Working pressure 350 

bar 

Proportional valve, PV (Rexroth) 4WREE series;50 lpm at 10 bar 

drop 

Hose Pipe (Parker) 250 bar;16mm(5/8” BSP) 
Pressure Relief valve, 

PRV(Yuken) 

EBG-03-H-11; 210bar 

Real-time system, RTS(NI 

systems) 

1GHz, 32-bit NI-cRIO 9081 

Input module, IM (NI systems) 10 VA/D NI-cRIO 9215 

Output module, OM (NI systems) 10V D/A NI-cRIO 9263 

 

 



 

Fig. 13 Experimental and simulation validation for a load variation  

 

7 Conclusion 

In this present work, a simplified spool valve instead of a two stage spool valve has been 

incorporated in the pressure compensator of a variable displacement axial piston pump in 

order to perform a comparative study with a commercial pump. The design sensitivity of 

the spool valve has been carried out through simulation to identify the critical size of the 

parameters, which affects the pump performance. The study suggests no orifice at the 

entry of the spool valve and direct drain connection between the spool end chamber and 

reservoir. In particular, it has been found that introduction of drain orifice creates back 

pressure due to which during increase in loading on the pump more amount of force was 

required to move the spool against the spring force. It has been observed from the 

sensitivity analysis that within a range of lap conditions of the spool valve, the 

performance of the pump remains satisfactory. In fact the study has revealed that reversed 

lap condition in the order of 25μm underlap and 105μm overlap may be admissible. The 

role of clearance orifice has been revealed to act as a bypass route of the pressurized fluid 

of stroking cylinder when the load of the pump is being reduced from cut-off to cut-in 

condition and even below that. The size of the clearance orifice has been recommended 

as 750μm. From the theoretical performance comparison between single stage and two 
stage spool valve, it has been found that although both the designs of pressure 

compensator maintain the same cut-in pressure, but the cut-off pressure is high in case of 

compensator with double spool. By systematic design, it is possible to have a single stage 

spool valve controlled pressure compensator that can produce performance of the 

variable displacement axial piston pump at par with a similar commercially available 

pump.  
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Nomenclature 
 

LA
 

load orifice area, m2 

dc , vc
 

discharge and velocity coefficient respectively 

rcc , scc , bcc  radial clearances between rate piston and cylinder, stroking piston and cylinder and 

barrel piston and cylinder respectively, µm 

dd , rpd , spd  diameters of the passageway through barrel piston, rate/bias piston and 

stroking/control piston respectively, m 

pd
 

barrel piston diameter, m 

sd , srd
 

spool land and modified spool land diameters, m 

sI  
mass moment of inertia of cradle and its lever, kg-m2 

rk  
 

rate cylinder spring stiffness, N/m 

sk  Stiffness of spool valve spring  N/m 

bl  
length of the orifice inside the each barrel piston, m 

rtl , stl
 

distances from barrel axis to rate cylinder and stroking cylinder axes, m 

rm , sm  masses of rate piston and stroking piston respectively, kg 

pm , svm
 

masses of barrel piston and spool respectively, kg 

n
 

number of barrel pistons 

rcP , scP
 

pressures inside the rate cylinder and  stroking cylinder respectively, Pa 

dP , 
rP , sP  delivery port, reservoir and suction port pressures respectively, Pa 

dciP , dcoP
 

cut-in and cut-off pressures of the pump respectively, Pa 

piP  pressure inside ith  piston chamber, Pa 

LQ
 flow rate through load orifice, m3/s 

scQ
 

flow rate from the spool valve to stroking cylinder, m3/s 

rcQ
 

flow rate through the  feedback orifice to the rate cylinder, m3/s 

lrcQ
 

leakage flow rate through the radial clearance between the rate piston and cylinder, 

m3/s 

lscQ
 

leakage flow rate through the radial clearance between the stroking piston and 

cylinder, m3/s 

lkiQ
 

leakage flow rate through the radial clearance between the barrel piston and 

cylinder, m3/s 

lciQ
 

leakage flow rate through the clearance between slipper pad and swash plate, m3/s 



pR  pitch circle radius of piston on barrel, m 

pdV , psV  volumes between delivery port and load valve and between tank and suction port 

respectively, m3 

rx , sx  displacements of rate piston and stroking piston respectively, m 

pix  displacement of ith barrel piston from TDC, m 

0  pre-compressions of rate spring, m 

0s  pre-compressions of spool spring, m 

  bulk modulus of the hydraulic oil, Pa  

  viscosity of the hydraulic oil, Pa-s 

  density of the hydraulic oil, kg/m3 

  swash angle, rad 

  angular speed of barrel, rad/s 

 

 

 

 



Figures

Figure 1

Schematic of a swash-plate axial piston pump with pressure compensator

Figure 2



Schematic of the single-stage control spool valve

Figure 3

Free body diagram of the spool

Figure 4

Cylinders position against swash plate



Figure 5

Loading pattern to the axial piston pump by changing ori�ce area

Figure 6

Effect of compressible model in the extreme left chamber of the spool valve



Figure 7

Effect of entry ori�ce the spool valve



Figure 8

Effect of drain side ori�ce of the spool valve



Figure 9

Effect of over-lap and under-lap of the spool valve



Figure 10

Effect of clearance ori�ce of the spool valve



Figure 11

Performance comparisons between two compensators



Figure 12

Experimental circuit diagram

Figure 13



Experimental and simulation validation for a load variation


