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Abstract: A power dispersive high-speed electric multiple-unit (EMU) train requires the installation 
of traction equipment under the carbody. As the speed of high-speed trains increases, the demand 
for traction power is increasing, and the weight and size of the equipment have increased accordingly. 
To adapt to the research and development of higher-speed EMU trains, this research proposes the 
use of a multi-point connection scheme for installing the under-chassis equipment. First, the static 
deflection and supporting reaction force of each hanging point are obtained based on static analysis, 
and it is found that increasing the number of connection points is beneficial for reducing the static 
stiffness requirement of each rubber element. Then, an energy decoupling degree is introduced, and 
an optimisation design method for the hanging point stiffness is proposed based on the energy 
decoupling degree and optimal vertical suspension frequency. Finally, a rigid-flexible coupling 
dynamics simulation model is established to analyse the vibration characteristics of the carbody and 
equipment after decoupling and optimisation of the multi-point suspension schemes. The research 
results show that after the decoupling optimisation, the vibration amplitude in the middle of the 
carbody is effectively reduced, and the ride quality of the carbody is improved. The difference in 
the number of hanging points has little effect on the vibration performance of the carbody, but 
increasing the number of hanging points is beneficial for reducing the dynamic supporting reaction 
forces of the hanging components, thereby reducing the dynamic stress of the rubber elements, and 
improving the fatigue resistance. 
 

Keywords: High-speed trains; Under-chassis equipment; Multi-point connection; Dynamic 
vibration absorber; Kinetic energy decoupling degree.  

 

1 Introduction 

Power decentralisation technology is widely used in high-speed electric multiple unit (EMU) 
trains. High-speed trains with decentralisation technology can take full advantage of the wheel-track 
adhesive force, and effectively reduce the dynamic wheel-track interaction force. As there is no 
locomotive at which to place the traction equipment, many under-chassis equipment (UCE) 
elements need to be installed under the carbody, such as traction converters and air compressors. 
Some of this equipment weighs several tons, and some elements have excitation sources. If the 
installation method is improper, the vibration of the equipment may be transmitted to the carbody, 
resulting in severe adverse effects on the local and overall vibration performance of the speed-train 
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carbody. 
An effective installation method is to use rubber elastic elements to isolate the vibrations from 

the equipment from the carbody. Sun[1] proposed a high-static-low-dynamic-stiffness mount for 
connecting the UCE and the carbody, which could effectively isolate the self-excitation of the air 
compressor from the carbody and enhance the ride quality of the high-speed train. Gong[2] studied 
the influences of UCE suspension system parameters on the first-order vertical bending frequency 
of a high-speed EMU train carbody, and designed parameters for the UCE suspension system based 
on mode-matching principle. Chen[3] proposed an approach for designing the suspension parameters 
for UCE elements, based on using a multi-objective analytical target cascading optimisation 
algorithm to suppress the vibration of the carbody and UCE. Wang[4] studied the effect of a dynamic 
imbalance in the rotational equipment on a carbody, and proposed that the use of elastic suspension 
for such equipment can isolate the vibration transmissions from the carbody, and that the dynamic 
imbalance should be considered to optimise reasonable suspension parameters. 

In addition, many scholars have proposed installing UCE based on the theory of a dynamic 
vibration absorber (DVA)[5–7]. Shi[8] modelled a carbody as an Euler-Bernoulli beam with UCE 
mounted on a chassis regarded as a DVA to reduce the flexible vibration of the carbody, and 
proposed that the heavy equipment should be mounted to the carbody centre as close as possible to 
obtain a significant vibration reduction performance. Huang[9] verified that the flexible vibration of 
a carbody can be effectively suppressed by using the UCE as a DVA, based on roller rig tests. 
Gong[10] proposed a method of multi-mode vibration control for a carbody based on using multiple 
pieces of UCE as DVAs. An equivalent mass identification method was used to determine the 
equivalent mass of the target modes at the UCE installation positions. The natural frequencies and 
damping ratios of the lateral and vertical vibrations were designed based on the theory of the DVA. 
The simulation results showed that the method could significantly reduce the multi-mode vibration 
of the carbody, and considerably improve the ride quality in terms of the lateral and vertical 
vibrations of the carbody. Xia[11] studied the suspension problem of equipment with eccentricity. 
The vertical suspension frequency of the equipment was designed according to the principle of a 
DVA, and a decoupling method was adopted to ensure that the eccentric equipment could effectively 
play the role of the DVA. 

Previous research has widely recognised the use of rubber components for elastically installing 
UCE, and some technologies have been applied in practice. Most of the previous studies installed 
the equipment based on using four hanging points. However, with further increases in the operating 
speeds of high-speed EMU trains, the demand for traction power is increasing, and the weight and 
size of the equipment under the carbody are also increasing. If the number of hanging points does 
not increase, the stiffness requirements of each hanging rubber element need to be increased. 
However, the stiffness of rubber components cannot be increased indefinitely, owing to industrial 
manufacturing constraints. Compared with increasing the stiffness rubber elements, increasing the 
number of hanging points so that the hanging system has a better load-bearing capacity could be a 
more practical solution.  

In this study, a multi-point hanging method was proposed for connecting heavy and large 
eccentric equipment with a carbody. The rest of this paper is organised as follows. In Section 2, the 
location layout is introduced, and the static deflection and supporting reaction force of the 
equipment with a multi-point connection are studied. In Section 3, an optimisation method is 
proposed for the energy decoupling degree of the UCE. In Sections 4 and 5, a rigid-flexible coupled 



vehicle dynamics model is established to analyse the carbody vibration and ride quality before and 
after decoupling optimisations of different multi-point connection schemes under operating 
conditions. The conclusions are summarised in Section 6. 

2 Establishment of multi-point connection model of under-chassis 

equipment (UCE) 

The under-chassis equipment investigated in this study was a traction converter; its mass, 
inertia, and size parameters are listed in Tab. 1. The eccentric distance in the x -and y-directions 
referred to the distance between the centre of gravity and geometric centre. The equipment was 
installed in the middle of the carbody, as this approach is beneficial for suppressing the vibration of 
the carbody[8]. 

Tab. 1. Parameters of the equipment 

Parameter Symbol Value Unit 
Mass Me 8000 kg 

Rolling inertia Iex 4000 kg·m2 

Nodding inertia Iey 6500 kg·m2 

Yawing inertia Iez 8500 kg·m2 

Longitudinal length lex 5 m 

Lateral length ley 2.8 m 

x-axis eccentric distance xe 0.6 m 

y-axis eccentric distance ye 0.3 m 

2.1 Connection scheme 

According to research on arranging the hanging points of UCE, each hanging point needs to 
support the equipment equally. Therefore, a uniform and symmetrical distribution is usually adopted; 
that is, the same number of lifting points are evenly distributed on both sides of the symmetry axis 
of the equipment plane. A four-point connection is generally applied in conventional equipment, 
meaning that one hanging point is arranged on each of the four corners of the equipment, as shown 
in Fig. 1(a). Owing to the large size and mass of the equipment in this study, six-point and eight-
point connection schemes are proposed, as shown in Fig. 1(b) and (c), respectively. 

   

（a） （b） (c) 
Fig. 1 Multi-point connection schemes of under-chassis equipment (UCE) (a) four-point; (b) six-

point; (c) eight-point 
Rigid and elastic connections comprise the two hanging methods for under-chassis equipment. 

Rigid connections are used for light and small equipment, whereas elastic connections are applied 
for large and heavy connections. According to the shape features, the lateral and longitudinal 
stiffness of a rubber component is usually related to the vertical stiffness value. In this study, wedge-



shaped rubber elements were used. The ratio of the lateral stiffness to the vertical stiffness was 1/3, 
and the longitudinal-vertical ratio was 1; these can be denoted, respectively, as follows: 
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In the above, kzi, kyi, and kxi stand for the vertical, lateral, and longitudinal stiffness of the i-th rubber 
element, respectively. 

2.2 Modelling of UCE 

A four-point connection scheme was used as an example for the modelling and analysis of the 
UCE. To consider the coupling vibration of different degrees of freedom (DOF), the UCE was set 
as a spatial rigid body with 6-DOF, and the rubber element was set as a spring with three-
dimensional stiffness. The coordinate system was established as shown in Fig. 2. The origin of the 
coordinates was the centre of gravity of the equipment. The driving direction of the vehicle was the 
positive x-direction, the right side was the positive y-direction, and the vertical downward direction 
was the positive z-direction. The positive directions for rolling ( ), nodding (  ), and yawing ( ) 
were determined using the right-hand rule. 

 

Fig. 2 Four-point connection scheme 

The position coordinates of the i-th rubber element were set as (ai,bi,ci), and the three-
dimensional stiffness values were kxi, kyi, and kzi, respectively. By using a matrix assembly method[12] 
to establish the dynamic equation for the UCE, the correlation matrix between the three-dimensional 
stiffness and 6-DOF of the i-th rubber element could be obtained as follows: 

 tr
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By assembling the correlation matrix of all of the connection points, the correlation matrix of 
the suspension system between the stiffness and 6-DOF could be obtained as follows: 
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Then, the stiffness matrix of the suspension system could be acquired as follows: 

 
tr ii tr=K K K K     (4) 

In the above, Kii represents the diagonal stiffness matrix, which comprises the three-dimensional 



stiffness of all of the connection points. 
The damping ratio of the rubber element was low, and had little effect on the coupling vibration. 

Therefore, the influence of the damping ratio was ignored in the decoupling degree analysis and 
modelling. The dynamic differential equation for the 6-DOF vibration of the equipment was 
obtained as follows: 

 0MX KX+ =   (5) 

Here, M is the mass matrix, which is composed of the mass and inertia of the equipment. X 
represents the status of the equipment. It can be verified that the dynamic differential equations 
obtained by the six-point and eight-point schemes are similar to Eq. (5).  

2.3 Static analysis 

A static force analysis was performed for the suspension system of the UCE. For each hanging 
point, the static balance equation of the rubber was obtained according to Hooke's law, as follows: 

 zi i i
F k =    (6) 

In the above, Fi is the reaction force of the i-th rubber, kzi is the vertical stiffness of the i-th rubber, 
and δi is the static deflection of the i-th rubber; the latter was determined based on the vertical 
displacement (z), rolling angle (α), and nodding angle (β) of the equipment, as follows: 

 i i i
z b a  = +  +    (7) 

When the equipment is in a static equilibrium position, the vertical force is balanced. The 
weight of the equipment is equal to the reaction force provided by the rubber elements, and the 
torques of the x -and y-axes are balanced. Then, the static balance equation of the UCE could be 
expressed as follows: 
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The ratio of the dynamic stiffness to the static stiffness of the rubber elements commonly used 
in UCE suspension systems is between 1.0 and 3.5, and was selected as 1.5 in this study. The 
dynamic stiffness of the equipment depended on the mass of the equipment, natural frequency, and 
number of hanging points, as follows: 
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Here, Me is the mass of the equipment, fd is the vertical natural frequency, and q is the number of 
hanging points. 

The optimal vertical natural frequency was set as 9.55 Hz, as discussed Section 4.3. Based on 
Eq. (6) to Eq. (9), the static deflection and support reaction force of the multipoint connection 
method were calculated, as shown in Fig. 3. In each connection method, the vertical stiffness values 
of each hanging point were equal. It can be seen from the figure that increasing the number of 



hanging points was beneficial for reducing the static stiffness requirements and reaction forces of 
each hanging point. 

  

(a) Static stiffness (b) support reaction force 

Fig. 3 Static stiffness and support reaction force  

3 Optimal design of energy decoupling degree for UCE 

3.1 Energy decoupling rate 

The solution of the free vibration of the UCE was set to i t
X Ae

= . Rearranging Eq. (5) 

resulted in a calculation as follows: 

 ( )2 0i t
K M Ae

− =   (10) 

In the above, A is the amplitude of the displacement.  

By assuming 2 0K M− =  , the p-th (p = 1,2…6) vibration mode frequency p
   and 

corresponding mode vector P
A  were acquired.  

In general, a mode vector analysis can be used to determine that coupling vibration exists in 
the different DOFs of equipment. The mode vector can reflect the proportional relationship of the 
vibration amplitude of each DOF at a specific frequency, and the kinetic energy contribution of each 
DOF under the main vibration shape can be calculated. The vibration kinetic energy of the j-th 
element in the i-th mode vector is defined as follows[13]: 

 ( ) ( )2 21

2
pj jj pj pE M =      (11) 

Here, Mjj is the value in the mass matrix, pj
  is the j-th element in the p-th mode vector, and p

  

is the natural frequency of the p-th mode vector.  

The coupling degree of a multi-DOF system reflects the degree of mutual influence of the 
vibration between the respective DOFs. It can be expressed as the ratio of the maximum kinetic 
energy of the p-th DOF in the j-th main vibration mode to the total kinetic energy. Therefore, the 
energy decoupling degree can be defined as follows: 
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If KEpj =100%, the energy of the j-th order vibration mode is concentrated in the p-th element, 
that is, the vibration of the j-th order vibration mode of the UCE is completely decoupled. Hence, 
the matrix KE can be used to describe the dynamic features of the system. 

3.2 Optimisation method of energy decoupling degree 

The decoupling optimisation objective of the UCE consisted of two parts: the energy 
decoupling degree of the system should be as high as possible, and the vertical natural vibration 
frequency of the UCE should coincide with the design frequency. The first part aimed to ensure that 
the vibrations between the different DOFs of the system did not affect each other, and the second 
aimed to make the equipment act as the DVA of the carbody, so as to achieve the vibration 
suppression effect. The obtained energy decoupling degree optimisation design objective function 
was as follows:  
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In the above equation, σp represents the energy decoupling degree weight coefficients for each 
DOF, where the vertical weight is set to 1, and the rest are set to 0.5. κj is the weight coefficient of 
the difference between the natural frequency and design frequency. As the vertical natural frequency 
had a significant impact on the vibration of the carbody, only the vertical natural frequency was 
weighted here; that is, when the degree of freedom corresponding to j was vertical, κj was taken as 
1, and the rest were taken as 0. kL and kU are the upper and lower limits of the allowable range for 
the production/installation of the rubber element stiffness, respectively. Eq. (13) was solved using 
an applicable genetic algorithm with a strong ability for global optimisation[14]. 

4 Rigid-flexible coupling dynamic model of a high-speed electric multiple-

unit (EMU) train 

4.1 Establishment and modal analysis of vehicle finite element model 

Generally, the vibration of a carbody is formed by the superposition of the rigid and elastic 
vibrations. Some previous studies only defined the carbody as a rigid body, which resulted in the 
simulation results omitting the elastic vibration part. Instead, the carbody should be regarded as a 
flexible system with local dynamic deformations. The rigid-flexible coupling model considers the 
coupling of the self-deformations of the flexible body and vibrations of the system. This can make 
the simulation test more closely resemble a real situation. 

In this study, a finite element model of the carbody was used to establish the elastic carbody 
for the rigid-flexible coupling dynamic model. Herein, the shell unit (shell 181, mesh size 40 mm) 
discretion of the entity model of the carbody was achieved by using a finite element analysis to 
obtain a finite element model of the carbody with 256485 nodes and 365453 units. The material 



used was an aluminium alloy. The density of the material was 2700 kg/m3, and the elastic constant 
was 69 GPa. Using model analysis, the low-order modal information of the carbody was acquired. 
Fig. 4 shows the eigenfrequency results for the first five orders of the carbody. As observed, the 
diagonal distortion modal frequency of the carbody was below 10 Hz, which worked against the 
ride quality. The first-order vertical bending frequency was 11.94 Hz; this was used as the basis for 
the design of the vertical natural frequency of the equipment suspension. 

 
 

(a) (b) 

 
 

(c) (d) 

 

(e) 
Fig. 4 Eigenfrequency results of the first five orders of the carbody: (a) diamond-shaped deformation 
mode at 9.68 Hz; (b) first-order vertical bending mode at 11.94 Hz; (c) first-order lateral bending 
mode at 12.49 Hz; (d) first-order torsional mode at 14.33 Hz; (e) breathing mode at 15.63 Hz 

4.2 Establishment of rigid-flexible coupling dynamic model 

By employing the multi-body dynamic simulation software SIMPACK, a rigid-flexible 
coupling dynamic model for the high-speed train was established, as shown in Fig. 5. In the model, 
the elastic carbody was obtained based on a condensation calculation[15]; this approach is commonly 
used to reduce the number of DOFs of an elastic carbody, and to obtain a model file containing the 
carbody structure and modal information. The model file was then imported into the dynamic model 
via the FEMBS interface of SIMPACK. According to the contribution of the carbody elasticity to 
vibration energy[16], only the main low-order elastic modes in Fig. 4 needed to be considered. The 
rest of the model was considered as rigid, including two bogies, eight axle boxes, four wheelsets, 
and one piece of equipment. In addition, the rigid-flexible model also considered the increasing 
stiffness of the secondary lateral elastic bump stop, nonlinearity of the wheel-rail contact, nonlinear 
creep force, creep torque, and nonlinearity of the hydraulic vibration absorber. The dynamic 
parameters are listed in Table A1 in the Appendix.  



 
Fig. 5 Rigid-flexible coupling dynamic model 

A high-speed track irregularity[17] was adopted in the model; the lateral and vertical irregularity 
waves are shown in Fig. 6. 

  

(a) (b) 
Fig. 6 Track irregularity waves: (a) lateral irregularity; (b) vertical irregularity 

4.3 Optimisation design of hanging frequency of the UCE based on dynamic vibration 

absorber (DVA) theory 

In general, the vehicle is excited by the track irregularities while running, and the movements 
of the carbody and equipment will affect each other. A common method for hanging equipment is 
to design the UCE as a DVA of the carbody, aiming to suppress the first-order vertical bending 
vibration[18]. A DVA generally comprises an auxiliary mass, spring, and damping. Its working 
principle is based on using the anti-resonance characteristics of a multi-DOF system. When the main 
system vibrates, the DVA attached to it vibrates. Owing to the dynamic action of the absorber, the 
force acting on the main system by the absorber is in the opposite direction of the external exciting 
force, but with a similar amplitude. The forces acting on the main system counteract each other, 
such that the vibration of the main system is reduced. Fig. 7 shows a typical model of a DVA, where 
m1 and k1 are the mass and stiffness of the main system, respectively; m2, k2, and c2 are the mass, 
stiffness, and damping of the absorber, respectively. 

 

Fig. 7 Typical model of a dynamic vibration absorber 
Assuming that the main system is affected by a harmonic excitation, the vibration dynamic 

Equipment 

Flexible 
Carbody 



equation of the main system and absorber can be expressed as follows: 
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The responses of the main system and the absorber can be expressed as i
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= , respectively. Then, the acceleration of the main system is as follows:  
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In the above, 1A   is the complex amplitude of the acceleration. The vibration amplitude ratio 

1 0/A F  can be obtained as follows: 
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Both the numerator and denominator in the above equation are divided by (m1m2)2, and the 
following parameters are imported: the static deflection of the main system under a static force F0 
Xst = F0/k1, mass ratio of the absorber and main system μ = m2/m1, natural frequency ratio of the 

absorber and the main system
2 2 1 1/ /k m k m =  , damping ratio of the absorber

2 2 2/ 2c m k = , and 

ratio of the external excitation frequency to the natural frequency of the main system 
1 1k m = . 

Then, Eq. (16) can be simplified to the form of the real amplitude ratio, as follows: 
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According to the DVA theory and railway vehicle carbody vibration properties, the carbody 
and equipment can be simplified as a double-DOF system. In this study, the carbody was considered 
as the main system, and the equipment was considered as the absorber. To obtain the optimisation 
parameters for the DVA design, parameters were defined as follows: 

  e
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The first vertical bending frequency was defined as the natural frequency of the carbody, and 

made the greatest contribution to the vertical elastic vibration of the carbody. Using the fixed-point 

theory[18], the optimum frequency ratio of the natural frequency of the equipment and the carbody 

was considered as follows: 

 
opt

1

1 
 =

+
  (19) 

Tab. 2 summarises the definitions and values of the parameters in Eqs. (18) and (19). The 

optimum frequency of the equipment if the vertical target frequency of the energy-decoupling 

degree optimisation design objective function shown in Eq. (13). 



Tab. 2. Parameters of the dynamic vibration absorber system 

Parameter Symbol Value Unit 

Mass of the equipment Me 8000 kg 

Mass of the carbody Mc 32000 kg 

Natural frequency of the carbody fc 11.94 Hz 

Mass ratio   0.245 - 

The optimum frequency ratio 
opt  0.896 - 

The optimum frequency of the equipment fe 9.55 Hz 

5 Simulation experiment 

Based on the decoupling optimisation objective function, a genetic algorithm was adopted to 
optimise the suspension stiffness of the four-point, six-point and eight-point connection schemes. 
Then, the optimisation results were input into the rigid-flexible coupling dynamics model for time-
domain simulation experiments. The energy decoupling degree, vertical natural frequency of the 
equipment, ride quality of the carbody, acceleration frequency amplitude spectrum of the carbody, 
and dynamic reaction force of the rubber element were analysed. 

Fig. 8 illustrates the decoupling degree of each degree before and after decoupling optimisation. 
DOFs 1–6 represent the motions of longitudinal (x), lateral (y), vertical (z), rolling ( ), nodding 
(   ), and yawing (   ), respectively. It can be seen from the figure that after the decoupling 
optimisation calculation, the decoupling degree of the three suspension schemes is improved to a 
certain extent, and all of the average decoupling degrees are more than 96%. Before decoupling 
optimisation, coupled vibrations exist in the translation and rotation motions in the x and z directions. 
After decoupling optimisation, the coupled vibrations are significantly reduced. 

  

(a) (b) 



 

(c) 
Fig. 8 Energy decoupling degree: (a) four-points; (b) six-point; (c) eight-point 

Fig. 9 compares the vertical natural frequency of the equipment before and after decoupling 
optimisation. It can be seen from the figure that before decoupling optimisation, the vertical natural 
vibration frequency of the equipment with the different connection schemes is between 8.5 and 9 
Hz. After decoupling optimisation, they are all approximately 9.55 Hz (the red dashed line in the 
figure); this beneficial to reducing the vibration of the equipment in the vertical direction, and for 
providing a DVA for the first-order vertical bending mode. 

 

Fig. 9 Vertical natural frequency of the equipment 
The Sperling index[19] is an index for evaluating the ride quality of railway vehicles. The lower 

the index value, the better the ride quality. Fig. 10 shows a comparison of the Sperling index of the 
carbody before and after decoupling optimisation. It can be seen that after decoupling optimisation, 
the lateral ride quality is improved to a certain extent when the speed exceeds 300 km/h, and the 
vertical ride quality is significantly improved at all speed levels. Decoupling optimisation decouples 
the vibrations between the different degrees of freedom of the UCE. The vertical vibration natural 
frequency of the equipment and natural frequency of the vehicle body are optimally synchronised 
to achieve the optimal vibration absorption effect. Therefore, the vibration of the carbody is reduced, 
and the running ride quality is improved. The comparative analysis of the different connection 
schemes shows that there is little difference in the ride quality between the different schemes before 
and after decoupling optimisation. 



 

(a)Lateral 

 

(b)Vertical 
Fig. 10 Sperling index 

The acceleration frequency amplitude spectra of the carbody at a speed of 350 km/h in the 
different connection schemes are shown in Fig. 11. After decoupling optimisation, the amplitude of 
the lateral vibration acceleration at 12–16 Hz is reduced to a certain extent, and the vertical vibration 
acceleration is significantly reduced at 10–15 Hz. This demonstrates that the vertical dynamic 
vibration absorption effect of the equipment is significantly improved by the decoupling 
optimisation. As a result, the vibration amplitude near the first-order vertical bending mode vibration 
frequency (11.94 Hz) of the carbody is significantly reduced.  



  

（a） （b） 

  

（c） （d） 

  

（e） （f） 

Fig. 11 Acceleration frequency amplitude spectrum of the carbody: (a) four-point, lateral; (b) four-
point, vertical; (c) six-point, lateral; (d) six-point, vertical;(e) eight-point, lateral; (f) eight-point, 
vertical 

The maximum dynamic reaction forces of the different connection schemes all appear at the 
No. 1 hanging point (see Fig. 1); this is caused by the eccentricity of the equipment toward the 
hanging point. The simulation results after the decoupling optimisation of the dynamic reaction 
forces at the No. 1 hanging point of the different connection schemes are shown in Fig. 12. It can 
be seen that the dynamic reaction force amplitude decreases significantly as the number of hanging 
points increases. The amplitude of the dynamic reaction force of the eight-point scheme is only half 
that of the four-point scheme. 



 

Fig. 12 Dynamic support reaction forces 

6 Conclusions 

This research proposed a multi-point connection method for heavy and large UCE based on 
the eccentricity of high-speed trains. The static deflection and supporting reaction force of the 
equipment with the multi-point connection method were studied based on a static analysis. The 
results showed that increasing the number of hanging points is beneficial for reducing the stiffness 
requirements of each rubber element. The dynamic vibration equation of the equipment was 
established, and the energy decoupling degree of the equipment was optimised using a genetic 
algorithm. The energy decoupling degree of the equipment significantly improved after the 
decoupling optimisation. A rigid-flexible coupling dynamic model of a high-speed EMU train was 
built to analyse the vibration and ride quality of the carbody with different multipoint suspension 
schemes. The results implied that after decoupling optimisation, the vibration amplitude of the 
carbody was effectively reduced, and the running ride quality of the carbody was improved. The 
difference in the number of hanging points had little effect on the vibration performance of the 
carbody. However, increasing the number of hanging points was beneficial for reducing the dynamic 
support reaction forces of the hanging points, which was beneficial for reducing the dynamic stress 
of the hanging components and improving the anti-fatigue performance. 
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Appendix 

Table A1. 
Parameters for the high-speed train dynamic model. 
 

Symbols Meanings Values Units 

Mc Carbody mass 38 000 kg 

Jcx Carbody rolling inertia 1.2×105 kg·m2 

Jcy Carbody pitching inertia 1.65×106 kg·m2 

Jcz Carbody yawing inertia 1.6×106 kg·m2 

mf Frame mass 2 900 kg 

Jfx Frame rolling inertia 1 240 kg·m2 

Jfy Frame pitching inertia 2 230 kg·m2 

Jfz Frame yawing inertia 3 340 kg·m2 

mw Wheelset mass 1820 kg 

Jwz Wheelset yawing inertia 700 kg·m2 

kpx Longitudinal stiffness of primary suspension 1.2×107 kN/m 

kpy Lateral stiffness of primary suspension 4.9×106 kN/m 

kpz Vertical stiffness of primary suspension 1×106 kN/m 

cpz Vertical damping of primary suspension 10 000 N·s/m 

ksx Longitudinal stiffness of secondary suspension 160 kN/m 

csx Longitudinal damping of secondary suspension 70 000 N·s/m 

ksy Lateral stiffness of secondary suspension 160 kN/m 

csy Lateral damping of secondary suspension 5000 N·s/m 

ksz Vertical stiffness of secondary suspension 220 kN/m 

csz Vertical damping of secondary suspension 10 000 N·s/m 

hdf Half of bogie distance 8.75 m 

hda Half of axle distance 1.25 m 

hdp Half of primary suspension lateral distance 1 m 

hds Half of secondary suspension lateral distance 0.95 m 

r0 Radius wheel 0.46 m 

 


